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and valve for the intake system. The flow restriction each of these components 
represents is defined by their geometry and discharge coefficient, usually deter­
mined empirically under steady-state conditions. The gas flow rate through each 
component is computed using steady one-djmensional flow equations [see App. 
C, Eqs. (C.8) and (C.9)]: the actual flow is assumed to be quasi steady. These 
components are connected by the gas flow passing through them and the pres­
sure ratios across them; mass accumulation between components is neglected. 

Quasi-steady models are often used to calculate the flow into and out of the 
cylinder through the inlet and exhaust valves (see Secs. 6.3 and 6.5 and Fig. 6-20). 
If the pressure variation with time upstream of the valve is known or is small, as 
usually occurs with large plenums and short manifold pipe lengths, such methods 
are accurate enough to be useful. This approach bas been used extensively with 
engine cycle simulations which predict engine performance characteristics from a 
thermodynamics-based analysis, to calculate the mass flow rates into and out of 
the cylinder (see Sec. 14.4). Such methods are not able to predict the variation of 
volumetric efficiency with engine speed, however, because many of the phe­
nomena which govern this variation are omitted from this modelling approach 
(see Sec. 6.2 and Fig. 6-9). 

14.3.3 Filling and Emptying Methods 

In "filling and emptying" models, the manifolds (or sections of manifolds) are 
represented by finite volumes where the mass of gas can increase or decrease with 
time. Such models can range from treating the whole intake or exhaust system as 
a single volume to dividing these systems into many sections, with flow 
restrictions such as the air cleaner, throttle valve, or inlet valve at the beginning, 
in between volumes, or at the end. Each volume is then treated as a control 
volume (an open system of fixed volume) which contains gas at a uniform state. 
The mass and energy conservation equations developed in Sec. 14.2 [Eqs. (14.1), 
(14.3), (14.9), and (14.10) or (14.11)], coupled with information on the mass flow 
rates into and out of each volume [e.g., determined by the equations for flow 
through a restriction, Eqs. (C.8) and (C.9)] are used to define the gas state in each 
control volume. For intake and exhaust flows these equations can be simplified 
since the volumes are fixed (V = 0), gas composition can be assumed frozen 
(ou/op, oh/op, and oR/op are then zero), unless backflow occurs or recycled 
exhaust is used for emission control changes in fuel fraction are not significant, 
and for intake systems it may be acceptable to omit heat transfer to the walls 
(Qw). Such methods characterize the contents of the manifold (or a region thereof) 
with a single gas temperature, pressure, and composition. These vary periodically 
with time as each cylinder in turn draws on the intake system and discharges to 
the exhaust system. Also, under transient conditions when engine load and/or 
speed change with time, manifold conditions will vary until the new engine 
steady-state conditions are established. Watson and Janota3 discuss the applica­
tion of filling and emptying models to manifolds in more detail. Such models can 
characterize these time-varying phenomena, spatiaJly averaged over each mani-
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fold region corresponding to each volume analyzed: however, they cannot 
describe the spatial variation of pressure (and other gas properties) due to 
unsteady gas d:ynamics in the manifolds. 

A simple application of a filling and emptying model to the intake manifold 
of a spark-ignittion engine was described in Sec. 7.6.2. The manifold was analyzed 
as a single control volume with the throttle plate controlling mass flow into the 
manifold and the engine cylinders controlling mass flow out. An equation for the 
rate of change of manifold pressure [Eq. (7.22)] was derived and used to explain 
how the air flow past the throttle varied as the throttle open angle was increased, 
as would occur at the start of a vehicle acceleration. at part-throttle conditions 
(see Fig. 7-24). 

A secondl example will illustrate the conditions under which filling and 
emptying modc:ls give sufficiently accurate predictions to be useful.4 It concerns a 
single-cylinder two-stroke cycle loop-scavenged direct-injection diesel engine. The 
engine was modeled as three open systems (the intake system, the cylinder, the 
exhaust system) connected by flow restrictions. Various exhaust manifold 
volumes and slhapes were examined, using nozzles at the manifold exit to simu­
late the exhaus.t-driven turbine. The in-cylinder models were calibrated to match 
the measured engine performance. Figure 14-2 shows the predicted and measured 
pressure variatJion at the exhaust system exit for two exhaust system volumes (Ve). 
With the compact manifold the measured and predicted pressures were in good 
agreement. Wi1th the larger exhaust system shown in the figure (Ve/Yi, = 5.2) and 
the compact manifold, good agreement is again obtained. Only with the larger 
volume and lo1r1g pipe exhaust system is there evidence in the measured pressure 
variation of substantial unsteady gas dynamic effects. For small manifolds, and 
manifolds that are compact in shape, filling and emptying models can be a useful 
predictive tool. 
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14.3.4 G1,s Dynamic Models 

Many induction and exhaust system design variables determine overall per­
formance. These variables include the length and cross-sectional area of both 
primary and secondary runners, the volume and location of the plenums or junc­
tions whlch join the various runners, the entrance or exit angles of the runners at 
a junction, the number of engine cylinders and their dimensions, intake and 
exhaust port and valve design, and valve lift and timing (see Secs. 6.2, 6.3, 6.7, and 
7.6). Most of this geometric detail is beyond the level which can be incorporated 
into the mc,dels discussed above. Coupled with the pulsating nature of the flow 
into and ou1t of each cylinder, these details create significant gas dynamic effects 
on intake aJ11d exhaust flows which require a more complete modeling approach. 

Gas clynamic models have been in use for a number of years to study 
engine gas exchange processes. These models use the mass, momentum, and 
energy conservation equations for the unsteady compressible flow in the intake 
and exhaust. Normally, the one-dimensional unsteady flow equations are used.t 
These models often use a thermodynamic analysis of the in-cylinder processes to 
link the intake and exhaust flows. In the past, the method of characteristics was 
used to solve the gas dynamic equations. Finite difference techniques are used in 
more recemt intake and exhaust flow models. The basic equations and assump­
tions of these models will now be reviewed. 5• 

6 

UNSTEADY FLOW EQUATIONS. Consider the flow through the control volume 
within a straight duct shown in Fig. 14-3. It is assumed that the area change over 
the length dx of the control volume is small so the flow is essentially one~ 

t Two- and three-dimensional effects can be important and can be modeled with multidimensional 
ftow models dc:scribed in Sec. 14.5. 

Control volume 
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dx 

FIGURE 14-3 
Control volume for unsteady one-dimensional flow 
analysis. 
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dimensional. M.ass conservation requires that the rate of change of mass within 
the control volume equals the net flow into the control volume: i.e., 

:t (pA dx) = pAU - [pAU + :x (pAU) dx] 

Retaining only first-order quantities, this equation simplifies to 

op + ..E._ (pU) + pU dA = O 
at ox A dx 

(14.12) 

(14.13) 

The momc:ntum conservation equation states that the net pressure forces 
plus the wall sbtear force acting on the control volume surface equal the rate of 
change of momc~ntum within the control volume plus the net flow of momentum 
out of the control volume. The net forces and momentum changes are given by: 

Pressure forces: 

( 
op )( dA ) dA op pA •- p+-dx A +-dx + p-dx = -A-dx 
ox dx dx ox 

Shear forces: 

pU2 
- TwnD dx = -~ -

2
- nD dx 

where Dis the e:quivalent diameter (4A/1r)1
'
2 and e is the friction coefficient given 

by t,v/(½pU2
). 

The rate of change of momentum within the control volume is 

a 
ot (UpA dx) 

and the net efflux of momentum across the control volume surface is 

( P + op dx)(u + oU dx)
2

(A + dA dx)- pU2 A = ..E._ (pU2 A) dx 
ox ox dx ax 

Combining these terms into the momentum equation yields 

op pU2 a a 
- A - dx - e - nD dx = - (pUA dx) + - (pU2 A) dx 

ax 2 ot ox 
(14.14) 

This can be rearranged and combined with the mass conservation equation 
(14.13) to give 

au au 1 op u2 

-+ u-+ - -+ 2~ - =O 
ot ox pox D 

(14.15) 

ENERGY CONSERVATION. The first law of thermodynamics for a control 
volume states that the energy within the control volume changes due to heat and 
shear work transfers across the control volume surface and due to a net efflux of 
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stagnation enthalpy resulting from flow across the controll volume surface. The 
stagnation enthalpy h0 is 

u2 P u2 
h =h+ - =u+-+-
o 2 p 2 

where u is the specific internal energy of the fluid (often approximated by c
11 

T). 
The shear work transfer across the control volume surface is zero. 

The heat-transfer rate {lw is given by 

b{t_, = qpA dx 

where q is the heat transfer per unit mass of fluid per unit time into the control 
volume. 

The rate of change of energy within the control volume is 

BE = I [(pA dx) (u + U
2
)] 

at at 2 

The net efflux of stagnation enthalpy is 

:x [ (pU A{u + ! + ~2)] dx 

Hence, the equation for energy conservation becomes 

a [ ( P u
2
)] a [ ( p u

2
)-] ot (pA dx) u + p + 2 + ox (pU A) u + p + 2 _ dx - qpA dx = 0 

(14.16) 

Additional simplifications are possible. Expanding Eq. (14.16) and using the mass 
and momentum conservation equations yields 

ou + u ou = iJ + 2~ V
3 

_ _e_ acu A) 
ot ox D pA ox 

(14.17) 

If u can be represented by c11 T and R/c11 = y - 1 is constant, Eq. (14.17} can be 
rearranged and simplified to give 

op op (op ap) ( · _ u3) - + U - - a2 
- + U - - (y - l)p q + 2~; - = 0 

ot ox ot ox D 

where the sound speed a for an ideal gas is given by 

a2 = (op) = y E. 
op Ii P 

(14.18) 

(14.19) 

If friction and heat-transfer effects are small enough to be neglected, Eqs. 
(14.15) and (14.18) can be considerably simplified. In the albsence of these effects 
the flow is isentropic; it has uniform entropy which is constant with time and is 
often called homentropic ftow.6 H the duct area can be negl1ected then the contin­
uity equation, (14.13), can be simplified also. 
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These ome-d-imensional unsteady flow equations have been used for a 
number of years to study the flow in the intake and exhaust systems of spark­
ignition and dliesel engines, both naturally aspirated and turbocharged. Two 
types of methods have been used to solve these equations: (1) the method of 
characteristics and (2) finite difference procedures. The characteristic methods 
have a numeriical accuracy that is first order in space and time, and require a 
large number iof computational points if resolution of short-wavelength varia­
tions is important. Finite difference techniques can be made higher order and 
prove to be more efficient: 7 

• 
8 thjs approach is now preferred. Methods for treat­

ing the boundary conditions will also be described. 

METHOD OF CHARACTERISTICS. The method of characteristics is a well­
established mathematical technique for solving hyperbolic partial differential 
equations. With this technique, the partial differential equations are transformed 
into ordinary dlifferential equations that apply along so-called characteristic lines. 
Pressure waves: are the physical phenomenon of practical interest in the unsteady 
intake flow, a111d these propagate relative to the flowing gas at the local sound 
speed. In this particular application, the one-dimensional unsteady flow equa­
tions, (14.13) and (14.15), are rearranged so that they contain only the local fluid 
velocity U and local sound speed a. 

Since the absolute velocity of small amplitude sound waves is V + a in the 
direction of flow and U - a opposite to the flow direction, the lines of slope 
U ± a are the position characteristics of the propagating pressure waves which 
define the posiition x of the pressure wave at time t. Compatability conditions 
accompanying the position characteristics relate U to a. The compatability 
relationships a.re expressed in terms of variables (called Riemann invariants) 
which are constant along the position characteristics for constant-area hornentro­
pic flow, though they vary if these restrictions do not apply. Thus, the solution of 
the mass and momentum conservation equations for this one-dimensional 
unsteady flow is reduced to the solution of a set of ordinary differential equa­
tions. 

The equations are usually solved numerically using a rectangular grid in the 
x and t directi,ons. The intake or exhaust system is divided into individual pipe 
sections which are connected at junctions. A mesh is assigned to each section of 
pipe between junctions. From the initial values of the variables at each mesh 
point at time t: = 0, the values of the Riemann variables at each mesh point at 
subsequent time steps are then determined. Gas pressure, density, and tem­
perature can then be calculated from the energy conservation equation and the 
ideal gas law. Additional details of the method are given by Benson et al.5

• 
6 

FINITE DIFFE:RENCE METHODS. Finite difference methods for solving the 
one-dimensional unsteady flow equations in intake and exhaust manifolds are 
proving more efficient and flexible than the method of characteristics. The con­
servation equations, (14.13), (14.14), and (14.16), can be rearranged and written in 
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dA 
-pU dx 

U2 dA 2eu1 UI 
- p A dx - p D 

_ 4hc(T- Tw) _ .!:_ dA (! pU3 + _Y_ Up) 
Dp A dx 2 y - 1 

(14.20) 

The fluid viscous shear is small relaltive to friction at the wall in the momentum 
equation, and heat conduction and viscous dissipation prove negligible relative to 
convective heat transfer at the wall in the energy conservation equation. These 
equations have the vector form: 

aF aG 
-·+-=H 
at ax 

(14.21) 

where G and H are functions of F only. Several finite difference methods have 
been used to solve Eq. (14.21) (see Refs. 7, 8, and 9). The one.step Lax-Wendroff 
method will be illustrated. 8 Equatilon (14.21) can be developed into a Taylor 
series with respect to time, and the time and space derivatives approximated by 
central differences around the mesh point, shown in Fig. 1 ~4, as 

F n+l pn 1 ~t (Gn Gn ) A H" 
J = l - 2 ~x l + 1 - J- t + ut J 

+ 1 (::)2 

[(GJ"+
1 

+ GJ"XG'j+
1 

- G'j)-(G:," + G:,"-
1
XG'j - G'j-

1
)] (14.22) 

where G' = oG/a F. This equation i:s first~order accurate, unless H is small. For 
stability in the integration process, the time step and mesh size must satisfy the 
requirement that 

(14.23) 

where C js the Courant number. 
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TABLE 14.1 
Boundary condiitions for unsteady one-dimensional finite element analysis9 

Pipe ends 
Out-flow 

In-flow 

Pipe ju11ctio11s 

Mass 

Energy 

Isobaric 

Mass 

Energy 

lsentropic 

Mass 

Energy 

Pressure 

P1U1A1 = P2 U2A2 

U'- u2 

c P T1 + T = c,, T2 + T =:Y..2 
I 3 

P2 = p3 

P1U 1A1 = P2 U1 A2 
u 2 u 2 

cP T3 = c P T2 + T = c,, T1 + 1 :::::..!l 
i I 3 

P1.IP! = p3/p! 

These finilte difference solution methods usually require the introduction of 
some form of dissipation or damping to prevent instabilities and large non­
physical oscillations from occurring with nonlinear problems with large gradients 
(e.g., a shock wave in the exhaust system). Amplification of the physical viscosity 
and the additit0n of artificial viscosity, damping, and smoothing terms to Eq. 
(14.22) are frequently used techniques. 8 • 

9 

The bourndary conditions at pipe ends and junctions are obtained from the 
appropriate co1r1servation equations and pressure relations, as illustrated in Table 
14.1. Out.flows; and in-flows obviously conserve mass and energy. For the flow 
out through a restriction, there is no pressure recovery downstream: for flow in 
through a restriction, the flow upstream of the restriction is isentropic. For pipe 
junctions, the conservation equations are applied to the control volume con­
tained within the dashed line in the sketch in the table. The pressure boundary 
conditions are most easily estimated by modifying the simple constant-pressure 
assumption with pressure losses at each pipe exit or entry, calculated from experi­
mentally determined loss coefficients (see Fig. 6-5).9 

Calculations of intake and exhaust flows using these techniques predict the 
variations in intake and exhaust manifold pressure with crank angle (as shown, 
for example, in Fig. 6-7), in single and multicylinder engines, with acceptable 
accuracy.7• 9 M[easured volumetric efficiency variations with engine speed, mani­
fold design, and valve dimensions and timing are adequately predicted also. 
Figure 14-Sa shows the instantaneous exhaust and intake mass flow rates for 
cylinder number 1 of a four-cylinder spark-ignition engine at wide-open throttle 
at 1500 rev/min. Note how gas dynamic effects distort the exhaust flow. Note 
also the "reverse" flows into the cylinder past the exhaust valve and out of the 
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(a) Predicted mass flow rate through the exhaust valve 1i1, and through the intake valve 1h1 in cylinder 
I, four-cylinder four-stroke-cycle spark-ignitia,n engine at wide-open throttle and 1500 rev/min. Flows 
into cylinder are positive; flows out are negative. (b) P redicted and measured volumetric efficiency at 
wide-open throttle for four~cylinder spark-ig111ition engine. Solid line: one-dimensional umteady flow 
model. Dashed line: quasi-steady flow calculation based on infinite plenums for manifolds. 7 

cylinder past the intake valve at the end of the exhaust process, and the larger 
reverse flow at the end of the intake process at this low engine speed. Figure 
14-Sb shows the volumetric efficiency for this engine based on these predicted 
mass flow rates, as a function of speed. Experimental values and values predicted 
with quasi-steady flow equations and infinite plenums for manifolds are also 
shown. These results clearly demonstrate the important role that intake and 
exhaust system gas dynamics play in determining both the engine speed at which 
peak breathing efficiency occurs and the air charging characteristics over the full 
engine speed range.7 

14.4 THERMODYNAMIC-BASED 
IN-CYLINDER MODELS 

14.4.1 Background and Overall Mo~leJ Structure 

If the mass transfer into and out of the cylinder during intake and exhaust, the 
heat transfer between the in-cylinder gases and the cylinder head, piston, and 
cylinder liner, and the rate of charge burning (or energy release from the fuel) are 
all known, the energy and mass conservation equations permit the cylinder pres­
sure and the work transfer to the piston to be calculated. Engine models of this 
type have been developed and used 1extensively to predict engine operating char­
acteristics (inclicated power, mean e:ffective pressure, specific fuel consumption, 
etc.) and to define the gas state for emission calculations. These models effectively 
follow the changing thermodynamic and chemical state of the working fluid 
through the engine's intake, comprc~ssion, combustion, expansion, and exhaust 
processes; they are often called engine cycle simulations. 
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FIGURE 14-6 
Logic structure of thermodynamio-based simu­
lations of internal combustion engine operating 
cycle. 

The starting point for these cycle simulations is the first law of thermody­
namics for an open system, developed in Sec. 14,2, This is applied to the cylinder 
volume for the intake, compression, combustion, expansion, and exhaust pro­
cesses that in sequence make up the engine's operating cycle. The structure of this 
type of engine simulation is indicated in Fig. 14-6. Then, during each process, 
submode1s are used to describe geometric features of the cylinder and valves or 
ports, the thermodynamic properties of the unburned and burned gases, the mass 
and energy transfers across the system boundary, and the combustion process. 

During intake and compression, the cylinder volume is modeled as a single 
open system. Application of the conservation equations in the form of Eqs. (14.1 ), 
(14.3), and (14.10) or (14.11) for the intake and then the compression process 
gives2 

Intake: 

(14.24) 

(14.25) 

T=- - 1 - - _ _ _ _ ,i:+ - (m -h, - m It - ) • B ['n ( h) V C 1 • • Q ] 
A m B V B <p Bm I ' C e w 

(14.26) 

where m is the mass of gas in the cylinder, rh1 and me are the mass flow rates 
through the inlet valve and the exhaust valve, and f is the fuel fraction m 1/m. The 
subscripts i and e denote properties of the flow through the intake and exhaust 
valves, respectively. The thermodynamic properties for these flows are the values 
upstream of the valves and therefore depend on whether the flow is into or out of 
the cylinder. 
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Compression: 

/=0 (14.27a, b) 

(14.28) 

The pressure is then determined from Eq. (14.9). 
During intake and compression, the working fluid composition is frozen. 

The composition and thermodynamic properties can be determined using the 
models described in Secs. 4.2 and 4.7. Mass flows across open valves are usually 
calculated using one-dimensional compressible flow equations for flow through a 
restriction (see App. C and Secs. 6.3.2 and 14.3.2) or filling and emptying models 
(Sec. 14.3.3). The more accurate unsteady gas dynamic intake (and exhaust) flow 
models described in Sec. 14.3.4 are sometimes used to calculate the mass flow 
into the engine cylinder in complete, engine cycle simulations when the variation 
in engine flow rate with speed is esp(:cially important:10 the disadvantage is much 
increased computing time. Heat transfer during intake and compression is calcu­
lated using one of the Nusselt-Reynolds number relations for turbulent convec­
tive heat transfer described in Sec. 12.4.5. The transport properties, viscosity, and 
thermal conductivity used in these correlations can be obtained from relations 
such as Eqs. (4.52) to (4.55). 

During combustion which starts with the spark discharge in spark-ignition 
engines and with spontaneous ignition of the developing fuel-air jets in 
compression-ignition engines, the actual processes to be modeled become much 
more complex. Many approaches to predicting the burning or chemical energy 
release rate have been used successfully to meet different simulation objectives. 
The simplest approach has been to, use a one-zone model where a single ther­
modynamic system represents the eintire combustion chamber contents and the 
energy release rate is defined by empirically based functions specified as part of 
the simulation input. At the other e:xtreme, quasi-geometric models of turbulent 
premixed flames are used with a two-zone analysis of the combustion chamber 
contents-an unburned and a burnc~d gas region- in more sophisticated simula­
tions of spark-ignition engines. In compression-ignition engines, multiple-zone 
models of the developing fuel-air jets have been used to provide more detailed 
predictions of the combustion process and nonuniform cylinder composition and 
state. These combustion models willl be reviewed in the following sections (14.4.2 
and 14.4.3) and the appropriate conservation equations for the combustion 
process will be developed there. In diesels, radiation heat transfer becomes impor­
tant during the combustion process !(see Sec. 12.5). 

The expansion process is either treated as a continuation of the combustion 
process or, once combustion is ov1er, can use the fonn of the mass, fuel, and 
energy conservation equations which hold during compression [Eqs. (14.27) and 
(14.28)]. The exhaust process conser-vation equations for a one-zone open-system 
model of the cylinder contents are2 
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Exhaust: 

,n = - m e (14.29a, b) 

(14.30) 

where h11 , the enthalpy of the flow through the exhaust valve~ is the cylinder 
average enthalpy for fl.ow out of the cylinder and the exhaust system gas enthalpy 
if reverse flow occurs. 

The engine operating cycle should end with the working fluid at the same 
state that it started out For the first calculations of the sequence of processes in 
Fig. 14-6, property values defining the initial state of the fluid in the cylinder were 
assumed. If the values of these properties at the end of the first cycle differ from 
the assumed values, the cycle calculation is repeated with the appropriate new 
initial values until the discrepancy is sufficiently small. Convergence with these 
cycle simulations occurs within a few .iterations. 

The working fluid state is now defined throughout the operating cycle. The 
work transfer to the piston per cycle 

~ = f P dV (14.31) 

can now be obtained. From J/Yc, the masses of fuel and air inducted, m1 and m0 , 

and engine speed N, all the engine indicated performance parameters can be cal­
culated: power, torque, mean effective pressure, specific fuel consumption, fuel­
conversion efficiency; as well as volumetric efficiency, residual gas fraction, total 
heat transfer, etc. With a friction model, the indicated quantities can be converted 
to brake quantities. 

The more sophisticated of these thermodynamic-based engine cycle simula, 
tions define the working fluid state throughout the cycle in sufficient detail for 
useful predictions of engine emissions to be made. The djscussion in Chap. 11 of 
emission-formation mechanisms indicates that our understanding of how some of 
these pollutants form (e.g., NO.x, CO) is reasonably complete, and can be 
modeled accurately. The formation processes of the other pollutants (unburned 
hydrocarbons and particulates) are not adequately understood, though modeling 
activities are continuing to contribute to that understanding. The key features of 
models for predicting engine emissions were discussed in Chap. 11. 

Cycle simulations and combustion models which have been developed for 
spark-ignition engines, where the fuel, air, residual gas mixture is essentially uni­
formly mixed, are discussed in Sec. 14.4.2. Compression-ignition engine simula­
tions and combustion models are then discussed in Sec. 14.4.3. The special 
features required for prechamber engine models are reviewed in Sec. 14.4.4. 
Finally, thermodynamic-based models for more complex engine systems­
multicylinder, turbocharged, and turbocompounded engines-are discussed in 
Sec. 14.4.5. 
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14.4.2 Spark-Ignition Engine Models 

These models have usually followed the conceptual structure indicated in Fig. 
14-6. Our focus here is on the combustion submodels that have been developed 
and used successfully. Features of the spark-ignition engine combustion process 
that permit major simplifying assumptions for thermodynamic modeling are: (1) 
the fuel, air residual gas charge is essentially uniformly premixed; (2) the volume 
occupied by the reaction zone where the fuel-air oxidation process actually 
occurs is normally small compared with the clearance volume---the flame is a 
thin reaction sheet even though it becomes highly wrinkled and convoluted by 
the turbulent flow as it develops (see Sec. 9.3); thus (3) for thermodynamic 
analysis, the contents of the combustion chamber during combustion can be 
analyzed as two zones- an unburned and a burned zone. 

Useful combustion chamber design information can be generated with 
simpJe geometric models of the flame. In the absence of strong swirl, the surface 
which defines the leading edge of the flame can be approximated by a portion of 
the surface of a sphere. Thus the mean burned gas front can also be approx­
imated by a sphere. Then, for a given combustion chamber shape and assumed 
flame center location (e.g., the spark plug), the sphe!ical burning area Ab [see Eq. 
(9.40)], the burned gas volume V,, [see Eq. (9.39)], and the combustion chamber 
surface "wetted" by the burned gases can be calculated for a given flame radius rb 

and piston position (defined by crank angle) from purely geometric consider­
ations.t The practical importance of such "model" calculations is that (1) the 
mass burning rate for a given burning speed Sb (which depends on local turbu­
lence and mixture composition) is proportional to the spherical burning area Ab 
as given by Eq. (9.44) ; (2) the heat transfer occurs largely between the burned 
gases and the walls and is proportional to the chamber surface area wetted by the 
burned gases AL>,w [see Eq. (12.21)]. Using the fact that the density ratio across 
the flame pjp,, is approximately constant and equal to 4, the unburned and 
burned gas volumes Yu and V,, can be related to the unburned and burned mass 
fractions (1 - xb) and xb, respectively. 

Examples of the results of such flame geometry calculations are shown in 
Figs. 14-7 and l 4-8.11 Figure 14-7a shows spherical flame areas Ab as a function 
of flame radius rb for two different chambers and two plug locations and the TC 
piston position. The much larger flame area and shorter flame travel length of the 
central plug location are obvious. Such area data can be plotted as a function of 
burned gas volume V,, , as shown in Fig. 14-7b, so that comparisons of Ab(rb) for 
different chambers at the same mass fraction burned can be made. The advantage 
of a more compact chamber with higher central clearance height is apparent. 
Figure 14-8 shows that burned-gas-wetted wall area on the cylinder head, cylin-

t Note that the center of this sphere may be convected away from the spark plug location, especi11lly 
if some swirl is present. However, only strong swirling and. squish flows produce major distortions to 
the flame surface shape. 
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FIGURE 14-7 
Calculated spark-ignition engine 
spherical flame surface area: (a) as a 
Junction of flame radius for different 

O. 12 combustion chamber shapes and 
spark plug locations and (b) as a 
function of enflamed volume. Piston 
in top center position. 11 

der wall, and pistion as a function of flame radius and crank angle for an open 
chamber with central ignition. The cylinder head and piston are the dominant 
areas early in the expansion stroke when the burned gas temperatures and heat 
fluxes are highest. 

Mass fraction burned versus crank angle profiles determined from a first 
law analysis of cylinder pressure data, as shown in Figs. 9-2, 9-5, and 9-8, have an 
essentially universal dimensionless shape, as indicated in Fig. 9-13. Much useful 
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FIGURE 14-8 
Calculalted burned-gas-wetted wall 
area as a function of radius based 
on sphi,rical flame model of an 
open-chamber SI engine with 
center plug location, for piston 
location,s of 0°, 42°, and 70°.11 

analysis has been done with engine simulations where this universal combustion 
profile has been used as a calculation input. The S-sbaped mass fraction burned 
profile is often represented by the Wiebe function: 

xb = 1 - exp[ -a(0 
~

0
80

)m+1J (14.32) 

where 0 is the crank angle, 00 is the start of combustion, !J.0 is the total com­
bustion duration (xb = 0 to xb ~ 1), and a and mare adjustable parameters which 
fix the shape of the curve. Actual mass fraction burned curves have been fitted 
with a = 5 and m = 2. 12 

The conservation equations for an open system [Eqsi. (14.1) and (14.10) or 
(14.11)] are now applied to the unburned gas zone ahead of the flame and to the 
burned zone behind the flame, in turn (see Fig. 9-4). For premixed engines,/ and 
</, are zero. During combustion, ,n and m1 in Eq. (14.10) ,or Eq. (14.11) are the 
mass flow rate across the flame sheet. This is - mb for the unburned zone system 
and +mb for the burned zone system; mb is given by mxb, with xb obtained by 
differentiating Eq. (14.32). 

To calculate the effect of heat transfer on the burned! gas state more accu­
rately, the burned gas zone in Fig. 9-4 can be modeled in two parts: an adiabatic 
core and a boundary-layer region. The intent here is to account for the fact that 
heat loss to the walls primarily cools the burned gas adjacent to the wall, and 
only indirectly affects the core gas through the change in pressure that results 
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FIGURE 14-9 
Cylinder pressure p, mass fraction burned xb , unburned and burned gas temperatures {T,, = 
unburned, T. = adiabatic burned core, 1;, = mean burned gas temperatures), heat-transfer rate Q.., 
(nonnalized by fuel flow rate x heating value), thermal boundary-layer thickness Or, and mean nitric 
ox.ide concentration in the burned gases, through a four-stroke engine operating cycle, predicted by 
thermodynamic-based cycle simulation. 5.7-dm3 displacement eight-cylinder engine operating at wide~ 
open throttle, 2500 rev/min, with equivalence ratio = 1.1. Gross indicated mean effective pressure is 
918 kPa and specific fuel consumption is 254 g/k.W • h.13 

from heat loss. The open-system conservation equations, (14-1) and (14.10) or 
(14.11), are now applied to the core and boundary-layer region separately. The 
boundary-layer region covers that portion of the combustion chamber wall 
wetted by the burned gases, as shown in Fig. 9-4, and is of thickness br, which 
increases with time. The temperature of the boundary-layer zone (assumed 
uniform) is usually taken to be the mean of the wall temperature and burned gas 
core temperature. Equation (14.10) or Bq. (14.11) is used to relate the enthalpy 
flux due to the mass flow across the inner edge of the boundary layer (which has 
an enthalpy equal to the core gas enthalpy), the heat transfer to the wall, the 
changing energy within the boundary-layer system due to its increasing mass and 
changing state, and the work transfer due to its changing volume. 

An example of predictions of cylinder pressure, unburned and burned gas 
temperatures, heat-transfer rate, and boundary-layer thickness, based on an 
assumed 50° total burn duration for a 5.7-dm3 eight-cylinder engine at wide-open 
throttle and 2500 rev/min is shown in Fig. 14-9.13 Appropriately based predic­
tions of overall engine performance parameters made with this type of thermody­
namic model agree well with engine data. Figure 14-10 shows predictions of 
indicated specific fuel consumption and exhaust gas temperature as a function of 
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cific fuel consumption and exhaust tem­
perature as a function of the fuel/air 
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brake torqiue timing. MBT + 10%: 
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the fuel/air equivalence ratio at fixed load and speed. The isfc predictions and 
data agree well (except for very lean mixtures with retarded timing where cycle• 
by-cycle combustion variations are sufficiently large so pr1edictions based on the 
average cycle lose accuracy); the predicted curves for exhaust temperature show 
the same trends as the experimental data. However, they are higher due to under­
estimation of the heat losses during the exhaust process.14 

The output from such thermodynamic-based cycle simulations has replaced 
the fuel-air cycle as a predictor of effects of major vadables on engine per­
formance and efficiency. An instructive example of the valuie of such predictions is 
shown in Fig. 14-11, where fuel consumption at constant e:quivalence ratio, load, 
and speed has been computed as a function of total burn duration and heat loss 
to the chamber walls: increasing burn duration and heat loss both worsen fuel 
consumption.15 Such data can be used to assess the efficiency improvements that 
should result from reduced heat transfer (e.g., reduced chamber surface area) and 
increased burn rate. Obviously the dependence of burn rat,~ on engine design and 
operating parameters has not been modeled; the burn ra1te profile was a calcu­
lation input. Such models are most useful either {l) when 1the burn rate profile is 
not critical to the problem under study or (2) when predictions for a range of 
assumed burn rate profiles provide the required information. 

So far we have discussed engine cycle simulations where details of the com­
bustion process have been specified as input. The same thermodynamic-based 
simulation structure can be used in conjunction with a combustion model which 
predicts the rate of fuel burning. Various combustion modds have been proposed 
and used for this purpose. Some of these are empirically !based; some are based 
on the highly wrinkled, thin reaction-sheet flame model de:scribed in Sec. 9.3. All 
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FIGURE 14-11 
Predicted brake specific fuel con­
sumption as a function of heat 
transfer per cycle to the com­
bustion chamber walls (as a 
percent of the fuel's heating 
value) and total bum duration 
[60 in Eq. (14.32)]. 1250 rev/min, 
262 kPa bmep, fuel/air equiva­
lence ratio = 0.91, maximum 
brake torque spark timing.15 

these models assume that the overall flame shape approximates a portion of a 
sphere centered at or near the spark plug. Empirical flame models have difficulty 
appropriately describing the three phases of the combustion process- flame 
development, rapid burning, and termination-with sufficient generality to be 
widely useful. One such mode~ based on the experimental data shown in Fig. 
9-30, has been used successfully to evaluate different combustion chambers.16

• 1
7 

The burning speed Sb [defined by Eq. (9.44)] is related empirically to the laminar 
flame speed SL (see Sec. 9.3.3), the local rms velocity fluctuation u~ [see Eq. (8.22)] 
under motored engine conditions, the firing and motored cylinder pressure at the 
same crank angle, and spark advance. While a good fit to the data in Fig. 9-30 
for engine flames during their turbulent rapid-burning phase was obtained, 
during the flame development period a correction factor was required to fit the 
data. 

Spark-ignition engine combustion models with a more fundamental frame­
work have been developed and used. Based on coupled analysis of flame front 
location and cylinder pressure data, Keck and coworkers18

-
20 have derived the 

following burning law: 

(14.33) 

(14.34) 
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FIGURE 14-12 
Schematic of turbulent premixed spark-ignition engine flame, illustrati.ng the physical basis for 
burning law of Eqs. (14.33) to (14.35). The approximately spherical front of the "thick" turbulent 
flame (dashed line) diffuses outward at lhe laminar flame speed S1.. Fres.h mixture also crosses this 
front at a characteristic velocity ur due to turbulent convection. Schematic on left shows detailed 
flame structure: b1, is a reaction-sheet thickness, Ir is characteristic.scale of wrinkles in the sheet. 

where 

(14.35) 

is a parametric mass (interpreted as the mass entrained within the flame region 
that has yet to burn), Ur a characteristic speed, and -rb = lr/SL is a characteristic 
burning time. lr, AL , V1 , A1 , Vi, are defined in Sec. 9.3.4. 

Figure 14-12 illustrates the physical basis for this model. The first term in 
Eq. {14.33) represents the laminar (diffusive) propagation forward of the approx­
imately spherical front of the " thick " turbulent flame ; the siecond term represents 
the burning of mixture already entrained within this flame: front. In Eq. (14.34), 
which describes the rate of change of unburned mixture mass µ within the flame 
zone, the first term represents the turbulent convection of unburned mixture 
across the spherical front of the flame and the second term represents the mass 
rate of burning of entrained but not yet burned mixtur1e which is contained 
within the "wrinkles ,, and "islands," which the distorting and stretching of the 
thin reaction sheet by the turbulent flow produces. Thii; bas been called an 
"entrainment " or "eddy-burning" model for the above reasons. The exponential 
term in brackets in Eq. (14.34) a11ows for the fact that the :flame sheet initially is 
spherical and laminarlike: it requires a time of about tb to develop into a turbu­
lent flame. 

The behavior ofEqs. (14.33} and (14.34) in four important limits is : 

t. For a quiescent mixture, ur-+ 0 or 1-r-+ oo, 

Sh ➔ SL (14.36a) 
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2. Initially, as t - 0, 

(14.36b) 

3. Quasi~steady state, dµ/dt ~ 0, 

(14.36c) 

4, Final burniug stage after the flame front reaches the wall, t > tw (when 
A1 -0}, 

(14.36d) 

To apply Eqs. (14.33) and (14.34), the quantities uT and -r,, (or lT = -r,,Se,) 
must be evalua1ted. Two approaches have been taken: (1) use of empirical correla­
tions for these variables, derived from engine flame data (such as that described 
in Sec. 9.3.4); (2) use of more fundamental models to predict these quantities. 

Keck has derived the following correlations for ur and lr , based on the 
application of Eqs. (14.33) and (14.34) to several sets of engine combustion data: 

(14.37) 

(14.38) 

Ur was found ti0 be proportional to ✓P,, (at time of spark) and to correlate well 
with mean inle1t gas speed u1 = '11J(Ap/A1.,)Sp , where '1v is volumetric efficiency, AP 
is piston area, Aiv is the maximum open area of the inlet valve, SP is mean piston 
speed. Ir appears to scale with valve lift, L1v; it decreases with increasing density 
at a rate propiortional to p; 314 . While Ur and IT are not constant during the 
combustion process, their variation is modest.18 

A quantitative comparison of predicted and measured flame radius as a 
function of time is shown in Fig. 14-13 for hydrogen and propane fuel-air mix­
tures which exhibit widely different behavior:18 the figure indicates both the 
behavior and validity of the model. Predicted burned gas expansion speeds ub 

[see Eq. (9.43)] are shown in Fig. 14-13a as a function of burned gas radius; the 
parameters Ur and lr were chosen to fit the propane data. Figure 14-13b shows 
that the measu1red flame front radii, r 1 , are in good agreement with the predicted 
flame and burned gas radii, r I and r b , for these two fuels. The initial expansion 
speed of hydrogen is about 10 times that of propane. Since r 1 ~ rb for early times, 
Sb :::::: SL and thiis ratio is expected. As r,, become large, (r 1 - r,,) -+ ur -r b, which is 
several times smaller for hydrogen mixtures than for propane mixtures. 

An adaption of this approach developed by Tabaczynski and 
coworkers21 

• 
22 is based on the following mode] of turbulent flame propagation. 

The vorticity i111 the turbulent flow field is concentrated in vortex sheets which are 
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of a size comparable to the Kolmogorov scale lK [see Eq. (8-11)). These vortex 
sheets are assumed to have a characteristic spacing which is of the order of the 
Taylor microscale IM , which is a function of the integral I,ength scale 11 and the 
turbulent Reynolds number as indicated by Eq. (8.15). F'rom these turbulence 
assumptions it is argued that ignition sites propagate along the vortex: sheets with 
a velocity u' + SL, where u' is the local turbulence intensity. The propagation of 
the reaction front between the vortex sheets is assumed to be a laminar process. 
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Thus, in Eqs. (14.33) and (14.34), u T and 1:b are given by 

and (14.39) 

where l,..,, the microscale, is determined from the integral scale and the turbulent 
Reynolds number via Eq. (8.15), assuming that the turbulence is homogeneous 
and isentropic. The task therefore becomes one of evaluating tl and 11 . 

One approach used is to relate the turbulence intensity at the start of the 
combustion process to the mean intake flow velocity through the valve: e.g.,23 

(14.40) 

where SP is the mean piston speed, B the bore, and L1v and D1v the lift and 
diameter of the inlet valve. It is assumed that the integral length scale at the start 
of combustion, 11.0 , is proportional to a characteristic flow dimension, usually the 
clearance height h. Then, during combustion, the unburned portion of the charge 
is assumed to undergo isentropic compression sufficiently rapidly that the 
angular momentum of the " eddies" is conserved and the length scale follows the 
eddy size, i.e., a simple rapid distortion process occurs: 

( 
p )1/3 

u'=u~ -
Po (

p0)
1
l
3 

l1 = l1,0 P (14.41) 

This model predicts an increase in turbulence intensity and decrease in length 
scale with compression, which is only partly confirmed by experiment. 

A more sophisticated approach is to describe the dynamic behavior of the 
turbulence with one or more rate equations for the key turbulence parameters: k 
the turbulent kinetic energy and e the dissipation rate of k. Turbulence is gener­
ated, diffused, and dissipated by the flow field, so the rate of change of turbulent 
kinetic energy k can be written: 

(14.42) 

where the term P,. represents the volumetric production of turbulence and the 
diffusion term D1c can be modeled as a gradient difftJsion with an effective turbu­
lent viscosity which dominates the laminar diffusion process. In this application, 
Eq. (14.42) is integrated over the combustion chamber (or a region of the 
chamber) to provide spatia11y averaged turbulence predictions. Then the diffusion 
terms become boundary fluxes: e.g., the transport of kinetic energy across the 
combustion chamber boundary due to flow through the inlet or exhaust valve. 
The dissipation rate e is related to the integral length scale via 

c k312 
S = __.;;..D __ 

l1 
Cn = 0.09 (14.43) 

l1 can be taken as proportional to the clearance height (11 ~ 0.22 h), or an addi­
tional rate equation for a second turbulence parameter, the dissipation rate e, can 
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FIGURE 1~14 
Predicted turbt1lence intensity u' as a function of 
crank angle and valve lift in engine operating at 
1500 rev/min, 414 kPa imep, with a compression 
ratio of 10.2 7 

be used. In the more complete of these k - e turbulence niodels,24 thee equation 
is similar to the k equation with production, diffusion, and dissipation terms. 
These k - e turbulence models are discussed more fully in Sec. 14.5.2. 

The application of this turbulence model to the spairk-ignition engine com­
bustion chamber becomes complicated and the reader is referred to references for 
the details. 25

-
28 Considerable success with predicting trends in mass burning rate 

has been achieved with this type of model. Design variables examined include: 
swirl, squish, valve lift, bore/stroke ratio. The advantage of such models is that 
they are straightforward computationally so that extensiv◄~ parametric sets of cal­
culations are feasible. The major disadvantage is the ad h1oc nature of the turbu~ 
lence and flame models which involve plausible but arbitrary assumptions. 
Sample predictions are shown in Figs. 14-14 and 14-15.27 • 28 Figure 14-14 shows 
the variation in turbulence intensity u' in an engine with a disc-shaped com­
bustion chamber, throughout the operating cycle. A nomtal valve-lift profile and 
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FIGURE 1~15 
Predicted turbulence ilntensity during combustion 
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operating conditions as, in Fig. 14-14.28 
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Comparisons of predicted and measured mass 
fraction burned versus crank angle profiles for same 
swirl levels and plug locations as Fig. 14-15.28 

reduced maximum valve-lift profile (one-quarter normal) are shown. The high 
levels of turbulence generated during the first half of the intake process decay 
substantially before the latter stages of the compression stroke produce some 
amplification. Reduced valve lift produces higher levels of turbulence intensity at 
combustion, ais is well known. 29 Figure 14-15 shows the predicted turbulence 
behavior during combustion for a disc-shaped chamber for different swirl levels 
and plug locatfons. Swirl is shown to increase the turbulence intensity. Compari­
son of predicte:d and measured mass fraction burned profiles versus crank angle 
for different swirl levels and plug locations are shown in Fig. 14-16. The large 
flame ~rea effe:cts (shown here in the two limiting plug locations; side wall and 
center) and si~:nificant though lesser effect of swirl are correctly modeled. Such 
models a~e usuful for relating changes in spark•ignition engine design and oper• 
ating variables: to changes in engine performance, via predictions of changes in 
flame development and propagation. 

The abo~•e type of combustion model has been used to obtain explicit rela• 
tions for the flame development and rapid burning angles as functions of engine 
design and ope:rating variables.30 The equation for the mass burning rate, (14.33), 
was effectively integrated over the relevant portion of the total combustion 
process; the tuirbulent characteristic velocity was assumed proportional to SP , the 
mean piston sp,eed. The flame development angle was found to vary as 

A84 = C(S, v)1/3(;L)213 (14.44) 

where v is the kinematic viscosity (v = µ/p) and his the clearance height at igni­
tion. C is a co,nstant which depends on engine geometry and is determined by 
matching Eq. (14.44) with engine data. The rapid burn angle (here taken as the 
crank angle be1tween xb = 0.01 and 1.0) is given by 

A0b = c(!)(;;/0

'

9

(Sp v•)113(;!)2

'

3 

(14.45) 

where C' is a constant which depends on engine geometry, B is the bore, the 
subscript i den.otes the value at ignition, and the superscript • denotes the value 
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at cylinder conditions where xb = 0.5. These expressions show reasonable agree­
ment with observed trends in ~0d and 11.0b. 

14.4.3 Direct-Injection Engine Models 

In direct-injection compression-ignition and stratified-charge engjnes, the liquid 
fuel is injected into the cylinder as one or several jets just prior to ignition. In 
large direct-injection compression-ignition engines, the air flow is essentially 
quiescent. However, in medium and smaller size DI engines, the air flow is 
usually swirling about the cylinder axis at up to 10 times the crankshaft rotation­
al speed; thfa air-flow pattern increases the rate of entrainment of air into the fuel 
jet to increase the fuel-air mixing rate. Thus modeling of the ignition and com­
bustion processes for dfrect-injection types of engines is much more complex than 
for premixed-charge spark-ignition engines. The unsteady liquid-fuel jet 
phenomena-atomization, liquid jet and droplet motion, fuel vaporization, air 
entrainment, fuel-air mixing, and the ignition chemistry- :all play a role in the 
heat-release process (see Chap. 10). It is not yet possible to model all these pheno­
mena from a fundamental basis, even with the most S?Phist:icated fluid-dynamic­
based codes now available (see Sec. 14.5), since many of these processes are not 
yet adequately understood. However, models at various levels of detail and 
empiricism have been developed and have proven useful in direct-injection diesel 
and stratified-charge engine analysis, This section reviews t;he important features 
of single-zone heat-release models and phenomenological jet-based combustion 
models. Their relative simplicity and modest computer time requirements make 
them especially useful for diesel cycle simulation and more complex engine 
system studies. 

Single-zone models assume that the cylinder contents can be adequately 
described by property values representing the average state,, and use one or more 
algebraic formulas to define the heat-release rate. The functional forms of these 
formulas are chosen to match experimentally observed heat-release profiles (see 
Sec. 10.4.2). Coefficients in these formulas, which may vary with engine design 
details and operating conditions, are determined empirically by fitting with data. 
The phenomenological description of diesel combustion d,eveloped by Lyn (see 
Sec. 10.3) comprises three primary phases: the ignition delay period, the premixed 
fuel-burning phase, and the mixing-controlled fuel-burning phase. Ignition delay 
correlations are reviewed in Sec. 10.6.6. Here models for the second and third 
phases, when the major heat release occurs, are summarized (see Ref. 31 for a 
more extensive review). The attraction of the one-zone heat-release approach is 
its simplicity: however, since it cannot fully describe the complex phenomena 
which comprise the compression-ignition engine combustion process, substantial 
empirical input must be used. Several one-zone heat-relealse models have been 
proposed and used (e.g., Refs. 32 to 34). These use simple equations to describe 
the rate of release of the fuel's energy, sometimes modeled (>n the presumed con­
trolling physical or chemical process and always calibrated by comparison with 
data. 
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One extensively used model of this type developed by Watson et a/.3 5 is 
especially appropriate for use in total diesel system simulations where the com­
bustion process details are not the primary focus. It is based on Lyn's description 
of compression-,ignition combustion- a rapid premixed burning phase followed 
by a slower mixing controlled burning phase. The fraction of the injected fuel 
that burns in e:ach of these phases is empirically linked to the duration of the 
ignition delay. One algebraic function is used to describe the premixed heat­
release phase a.nd a second function to describe the mixing-controlled heat­
release phase. These two functions are weighted with a phase proportionality 
factor, {J, which is largely a function of the ignition delay. Thus : 

mf,b(t') = fJ !1 + (1 - P)f2 
mf,O 

(14.46) 

where m 1. b is the mass of fuel burned, m 1,0 is the total fuel mass injected per cycle 
per cylinder, and t' is time from ignition non-dimensionalized by total time 
allowed for combustion [ = (t - t;gn)/AtcombJ.t The premixed-burning function is 

f1 = 1 - (1 - t'K't2 (14.47) 

and the mixing-controlled function is 

/ 2 = 1 - exp (-K3 t ' K
4

) (14.48) 

where K1, K2, K 3, and K 4 are empirical coefficients. The proportionality factor 
fJ is given by 

(14.49) 

where ¢ is the overall fuel/air equivalence ratio and a, b, and c are empirical 
constants. 

Correlation with data from a typical turbocharged truck engine gave the 
following values, for K 1 to K 4 : 

Kl = 2 + 1.25 X 10- 8
(t1dN)

2
•
4 

K2 = 5000 

14.2 
K3 = </>0 .644 (14.50) 

K 4 = O.79K~·25 

where t;d , the ignition delay, is in milliseconds and N, engine speed, is in revo­
lutions per minute. It also gave these ranges for a, b, c:35 

0.8 <a< 0.95; 0.25 < b < 0.45; 0.25 < C < 0.5 

t The combustion duration at t..100mb is an arbitrary period within which combustion must be com­
pleted. A value of 125° was used above. 
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Such single-zone heat-release models are useful because of their simplicity. 
They obviously cannot relate engirue design and operating variables explicitly to 
the details of the combustion process. Experience indicates that those models 
with only one function are not usuatlly able to fit experimentally determined heat­
release profiles with sufficient accuracy. All single-zone heat-release models 
should be checked against experimentally derived heat-release profiles, and recal­
ibrated if necessary, before being us1ed for predictions. 

Many thermodynamic-based direct-injection engine simulations incorpo­
rate an explicit model for each fud spray which attempts to describe how the 
spray develops with time. The spray starts out as a liquid fuel jet which then 
vaporizes, entrains air and (later) burned gases. Mixture preparation can be 
limited by the availability of either fuel vapor or air, the former limited by 
droplet evaporation and the latter by air entrainment. While there is evidence in 
the literature to support both of these phenomena as rate-limiting, more recent 
studies36 show that most (70 to 9'.5 percent) of the injected fuel is in the vapor 
phase at the start of combustion, whereas only 10 to 35 percent of the vaporized 
fuel is mixed to within the combustion limits (equivalence ratio between 0.3 and 
3). This suggests that the combustion process in typical heavy-duty direct­
injection compression~ignition engines is mixing controlled rather than vapor­
ization controlled. 

While spray geometry is an essential aspect of the fuel-air mixing process, it 
may not be necessary to model the precise details of the actual configuration. For 
the purpose of heat-release and emission analysis, it suffices in many phenomeno­
logical models to calculate the evolution of the fuel mass, composition, voJume, 
and temperature of critical regions of the spray based on a generic spray 
geometry. Alternate approaches attempt to provide a detailed structure for the 
fuel spray to improve the modeling of air entrainment, effects of swirl/spray inter• 
action, and heat transfer. The more: commonly used approaches are illustrated in 
Fig. 14~17. 

The schematic in Fig. 14-17a ilJustrates the simplest approach: it is 
assumed that the growth and motiion of the spray or jet within the chamber can 
be analyzed as a quasi-steady one-dimensional turbulent gaseous jet.38-4° The 
intent here is to describe the position of the jet within the combustion chamber 
and the overall jet size as a functiion of time. Entrainment of air into the jet is 
assumed to take place at each point along the jet surface at a rate proportional to 
the velocity difference between th<:: jet and surrounding air at that point. Two 
empirical entrainment coefficients4 1 are used for the proportionality constants for 
the relative motion in the jet axial and transverse directions. Conservation equa­
tions for fuel mass and total mass, and momentum (in two or three orthogonal 
directions) are used to determine tlhe jet trajectory and size. The jet slows down 
due to air entrainment. Deflection of the jet results from the entrainment of air 
with a momentum component normal to the jet axis, and from drag forces due to 
the normal component of air flow past the jet. This approach does not define the 
velocity and concentration profile:s across the jet: it only calculates the mean 
values at any jet axial position. Experimentally determined radial profiles for 
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FIGURE 14-17 
(a) Schematic of one-dimensional quasi-steady fuel spray model used to define spray centerline trajec­
tory and width as radially outward-moving spray interacts with swirling air flow. (b) Schematic of 
multizone model for rue) spray which, based on empiricaUy calculated spray motion and assumed 
concentration distributions in the spray, successfully evolves discrete combustion zones (each contain­
ing a fixed fraction of the fuel) as fuel is injected, vaporized, and mixed with air. (dm 1/dt) = rate of fuel 
injection into rich core; (dmmJdt) = rate of preparation of mixture for burning; (dme, 8 /dt) = rate of 
entrainment or air into zone B1 •37 

axisymmetric turbulent jets42 are often assumed to apply. Although the fuel spray 
is initially pure liquid, the liquid fuel drops soon become a small fraction of the 
jet volume due to vaporization and air entrainment. Downstream of the initial 
liquid breakup region, the velocity of the small drops relative to the vaporized 
fuel and air is small, so the spray acts as a gas jet. Adding a combustion model to 
this quasi-steady gaseous jet model for fuel-air mixing is an additional major 
step. 

A comparison between this type of gas jet model and an experimental 
engine spray is shown in Fig. 14-18. A single fuel jet was • njected into a disc­
shaped chamber in the location shown, and schlieren photography used to 
observe the spray trajectory. Good agreement was obtained for the spray center­
line: note the significant effect of swirl. Reasonable agreement was also obtained 
between predicted and measured spray boundaries. 

Figure 14-17b shows a multizone model for each fuel spray which has been 
used extensively for engine performance and emissions studies in quiescent DI 
diesels. 37 • 43 The spray is modeled as a gas jet, with penetration, trajectory and 
spreading rate determined from empirical equations based on axisymmetric tur­
bulent jet data. These equations describe the approximate spray geometry. The 
fuel-air distribution within the spray is determined by using a normal distribution 
across the spray cross section and a hyperbolic profile along the axis of the spray. 
Progressively evolving, discrete combustion zones, each containing a fixed frac­
tion of the total fuel mass, are then superimposed on the geometrically defined 
fuel-air distribution. Outer zones are diluted with air and inner zones are added 
as fuel vaporizes and mixes, as injection and combustion proceeds. The model 
implicitly assumes that combustion does not affect the mixing rates. With careful 
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Spray trajectory and width calculated using one-dimensional quasi-ste~tdy spray model of type illus­
trated in Fig. 14-17a, compared with experimental data taken in speciall visualization direct-injection 
stratified-charge engine. 39 

adjustment of calibrating constants, this model describes engine performance 
variations with reasonable accuracy as major design a.nd operating variables 
change. 

More detailed geometric models of the fuel-air mixing and combustion pro­
cesses in engine sprays have been developed (e.g., Ref. 44). The intent is to follow 
the spray development in a swirling air flow and the spray interaction with the 
combustion chamber wall. Figure 14-19 illustrates the approach. The liquid fuel 
which enters the chamber through the injector nozzle is divided into many small 
equal mass "elements." The spray motion is defined by an experimentally based 
correlation. Air entrainment is calculated from momentum conservation and the 
spray velocity decrease predicted by this correlation. The processes which occur 
within each element are also illustrated in Fig, 14-19. The fuel drops evaporate 
and fuel vapor mixes with entrained air. When ignition occurs combustible 
mixture prepared before ignition burns rapidly: it is a:ssumed to burn at the 
stoichiometric composition. The continuation of the burning process then 
depends on the composition of the element : it may be limiited by either the rate of 
production of fuel vapor by evaporation or the availability of air by the rate of 
entrainment (paths A and Bin Fig. 14-19). 

The growth of the spray is determined from the air entrainment into each 
element and the combustion-produced expansion of each element, as indicated in 
Fig. 14-20. When impingement on the wall occurs, the spray is assumed to spread 
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impingement of spray on wall-shaded elements indicate combustion; (b) and 1(c) show spray behavior 
following impingement on the cylindrical bowl wall of the DI diesel combustion chamber; (d) shows 
effect of swirl on sptay and flame configuration." 
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along the wall with a constant thickness as shown in Fig. 14-20. When the per­
iphery of the spray reaches that of a neighboring spray the sideways growth of 
the spray is then prevented and the thickness of the elements along the wall 
increases. Swirl effects are calculated from tangential momentum considerations. 
Each annular cone ring element is shifted sideways by the swirl as indicated in 
Fig. 14-20. 

The heat-release rate in the 1combustion chamber is obtained by summing 
up the heat release in each element Nitric oxide and soot formation calculations 
are based on the time histories of temperature, vaporized fuel, air and com­
bustion products in each element. The overall structure of this particular com­
plete diesel engine performance anid emissions model is indicated in Fig. 14-21: it 
is typical of the type of compression-ignition engine simulation used to study 
engine performance and emissions. Figure 14-22 shows an example of the output 
from the above model. The injection rate diagram, the assumed Sauter mean 
drop size of the spray, and the air swirl determine the spray development which 
leads to the heat-release rate predlictions. This determines the cylinder pressure 
profile. Predicted engine performance results show reasonable but not precise 
agreement with experimental data. That is not surprising,given the complexity of 
the phenomena being modeled. A review of these types of jet models is given by 
Hiroyasu.46 

14.4.4 Prechamber Engine Models 

Small high-speed compression-ig1nition engines use an auxiliary combustion 
chamber, or prechamber, to achieve adequate fuel-air mixing rates. The precham­
ber is connected to the main combustion chamber above the piston via a nozzle, 
passageway, ot one or more orifices (see Secs. 1.8, 8.5, and 10.2.2). Auxiliary 
chambers are sometimes used in spark-ignition engines, also. The plasma and 
flame-jet ignition systems described in Sec. 9.5.3 enclose the spark plug in a cavity 
or small prechamber which conneicts to the main chamber via one or more ori­
fices. The function of the prechamber is to increase the initial growth rate of the 
flame. Combustion in the main chamber is initiated by one or more flame jets 
emanating from the prechamber created by the ignition process and subsequent 
energy release within the prechamber. If the mixture within the prechamber is 
richer than in the main chamber (due to fuel injection or a separate prechamber 
intake valve--see Sec. 1.9) these am called stratified-charge engines. 

The additional phenomena which these prechambers introduce beyond 
those already present in conventional chamber engines are: (1) gas flows through 
the nozzle or orifice between the main chamber and prechamber due to piston 
motion; (2) gas flows between the:se chambers due to the combustion-generated 
pressure rise; (3) heat is transferried to the nozzle or passageway walls due to 
these flows. The first of these phenomena results in nonuniform composition and 
temperature distributions between the main and prechamber due to gas displace­
ment primarily during compression, and determines the nature of the flow field 
within the prechamber toward the end of compression just prior to combustion. 
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FIGURE 14-21 
Structure of thermodynamic­
based DI diesel simulation for 
predicting engine performance 
and emissions. Simulation incor­
porates spray model of type illus­
trated in Figs. 14-19 and 14-20.45 
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The second phenomena controls the rate of energy release in the main chamber. 
The heat losses in the passageway and to the additional chamber surface area of 
the prechamber designs relative to conventional open chambers result in 
decreased engine performance and efficiency. Thus the prechamber concept adds 
additional complexity to the engine processes that must be modeled to predict 
engine behavior. 

The following variables are important to prechambe:r engine performance 
and emissions characteristics, in addition to the design allld operating variables 
which govern single-chamber engine behavior : prechamber geometry-size, 
shape, flow area and shape of connecting passageway(s); p.rechamber location in 
relation to main chamber geometry ; geometry and timing of any auxiliary pre­
chamber valve; fuel metering strategy in prechamber compression-ignition or 
stratified-charge engine. Thermodynamic-based models have been developed and 
used to examine the overall impact of these variables (see Rief. 47). Computational 
fluid dynamic models (see Sec. 14.5 and Fig. 8-26) have also been used to examine 
specific prechamber engine flow and combustion processes. 

Useful predictions of fuel, air, and residual gas distributions and the corre­
sponding temperature within the prechamber and main chamber can be obtained 
with simple gas displacement models. Only during combustion is the pressure 
difference across the nozzle or orifice sufficiently large in magnitude for its model­
ing to be essentiaJ ; the assumption of uniform pressure during compression, the 
critical process for determining conditions just prior to combustion, introduces 
tittle error into calculations of the flows between the c:hambers. Section 8.5 
develops the appropriate equations for these piston-motion driven gas displace­
ments. Use of the conservation equations for an open system, for total mass. fuel 
mass) residual gas, and energy given in Sec. 14.2, for the main chamber and the 
prechamber, then give the mean composition and temperature variation in each 
chamber as a function of time due to this flow. Figure 8-2.5 illustrates the mean 
composition variation in the prechamber that results du.ring the compression 
stroke of a three-valve stratified-charge engine. 

During combustion, the pressure difference across the connecting passage­
way or orifice is the driving force for the flow between chambers. Since com­
bustion starts in the prechamber, the initial flow is into the: main chamber; later, 
as the heat release in the main chamber becomes dominant, the flow may reverse 
direction and be into the prechamber. In thermodynamic-based models, the 
equations for one-dimensional quasi-steady ideal gas flow through a restriction 
given in App. C are used to relate these flows to the pressure difference between 
the two chambers. Open-system conservation equations ar,e again used to calcu­
late mean properties in each chamber. 

Combustion models used are either empirically based [e.g., using specified 
heat-release or mass burning rates such as Eq. (14.32)48

] or are developed from 
direct-injection compression-ignition engine models with spray evaporation, fuel­
air mixing, and ignition delay processes explicitly included.~19 Because of the com­
plexity of these processes in the prechamber engine geometry, substantial 
simplifying assumptions and empiricism must be used. 
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Heat transfer to the passageway and chamber walls is affected by the flows 
between the chambers: high velocities within the passageway result in high heat­
transfer rates to the passageway walls, and the vigorous flows set by the passage­
way exit flow entering the prechamber or the main chamber increase 
heaMransfer riates to the walls of these chambers. The standard engine heat­
transfer correlations which relate the heat-transfer coefficient to mean flow field 
variables via Nusselt-Reynolds number relationships (see Sec. 12.4) are normally 
used to describe these heat-transfer processes. The length scales are chosen to 
match the prechamber or main chamber or passageway dimensions. The charac­
teristic velocitii~s in these relationships are equated with velocities which are rep­
resentative of the flow in each of these regions at the relevant time in the engine 
operating cycle. 50

• 
51 

The utility of the more sophisticated of these prechamber engine per­
formance and emissions models is illustrated by the sample results shown in Fig. 
14-23. This simulation of the indirect-injection compression-ignition engine's flow 
and combustion processes describes, through the use of stochastic mixing models, 
the development of the fuel/air ratio distribution and fuel-energy release distribu­
tion, and hence the development of the gas pressure and gas temperature dis­
tribution, within the prechamber and main chambers of the engine. With the 
(nonuniform) gas composition and state defined, the models for NO formation 
described in Se:c. 11.2.1 was used to predict NO.remissions. The approaches used 
to describe the evolution of the prechamber, main chamber, and passageway con­
tents are summarized in Fig. 14-23a. 

The cylinider contents were divided up into a large number of elements. 
Pairs of elements are selected at random to undergo " turbulent mixing" inter­
actions at a frequency related to the turbulence in each region. Rate processes­
evaporation, ignition, NO formation, etc.-proceed within each element between 
these mixing interactions. Figure 14-23b shows sample results. At about TC, after 
some of the ingected fuel bas evaporated and the ignition delay is over, com­
bustion starts in the prechamber and the prechamber pressure Pp rises above the 
main chamber pressure Pm . This forces air, fuel, and burned gases to flow from 
the prechambe1r into the main chamber; fuel and rich products can now mix with 
air and burn in. the main chamber. NO starts to form in each mass element, once 
it burns, at a rate dependent on each element's composition and state. Most of 
the NO forms within the prechamber and then flows into the main chamber as 
the expansion process proceeds. The attractive feature of this type of emission 
calculation is that the kinetically controlled NO formation calculations are 
based directly on local gas composition and temperature in a manner that 
approximately simulates the mean and turbulent nonuniformities in these vari­
ables. Predictions of engine operation and emissions showed good agreement 
with data. 52 

Fluid-dynamic-based models have been used to study fluid flow, com­
bustion, and pressure wave phenomena in prechamber engines. Section 14.5 
reviews this type of engine model. Additional details of these applications can be 
found in Refs. 53 and 54. 
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14.4.S Multicylinder and Complex Engine 
System Models 

The models discussed in the previous parts of Sec. 14.4 focus on the processes 
occurring within each cylinder of an internal combustion engine. Most engines 
are multicylinder engines and the individual cylinders interact via the intake and 
exhaust manifolds. Also, many engine systems are more complex: internal com­
bustion engines can be supercharged, turbocharged, or turbocompounded, and 
the manifolds then connect to the atmosphere via compressors or turbines (see 
Fig. 6-37 and Sec. 6.8). Thennodynamic~based simulations of the relevant engine 
processes, constructed from the types of model components already described, 
prove extremely useful for examining the behavior of these more complex engine 
systems. By describing the mass and energy flows between individual components 
and cylinders of such systems throughout the engine's operating cycle, the total 
system preformance can be predicted. Such models have been used to examine 
steady-state engine operation at constant load and speed (where time-varying 
conditions in the manifolds due to individual cylinder filling and emptying events 
affect multicylinder engine behavior), and how the total system responds to 
changes in load and speed during engine transients. 

The block diagram of a turbocharged and turbocompounded diesel engine 
system in Fig. 14-24 illustrates the interactions between the system components. 
By describing the mass and energy flows between components and the heat and 
work transfers within each component, total system behavior can be studied. In 
such engine simulations, the reciprocator cylinders, the intake manifold, and the 
various sections of the exhaust system are treated as connected open systems. 
The flows into and out of these volumes are usuaIIy analyzed using the quasi­
steady emptying and filling approach described in Sec. 14.3.3, using the open­
system conservation equations of Sec. 14.2. The reciprocator cycle is treated as a 
sequence of processes within each cylinder: intake, compression, combustion 
(including expansion), and exhaust. These are modeled using the approaches 
described previously in Secs. 14.4.1 to 14.4.4. Heat transfer has, of course, an 
important effect on the in-cylinder processes. It also is important in the exhaust 
system since the performance of the turbocharger turbine and of any com­
pounded turbine depends on the gas state at the turbine inlet. The performance 
of the turbomachinery components is normally defined by maps that interrelate 
efficiency, pressure ratio, mass flow rate, and shaft speed for each component (see 
Secs. 6.8.2 to 6.8.4). Special provisions are usually required in the logic of the 
turbomachinery map interpolation routines to avoid problems with the compres­
sor surge and turbine choking operating limits of these devices. 

When the reciprocator is coupled with turbomachinery its manifolds no 
longer connect directly with the atmosphere: matching procedures are required 
to ensure that the pressure levels and mass flow rates of the compressor and 
turbines match with those of the engine. The following matching process is 
typical of those used for turbocharged engines ( one compressor and one turbine 
only). At a given time, the values of the variables describing the state of the 
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FIGURE 14-24 
Block diagram of turbocharged lurbocompounded diesel engine system. 

various system components are known (from integration of the system governing 
equations over the previous time step). These include the intake and exhaust 
manifold pressures and the turbocbarger rotor speed. The compressor inlet pres­
sure is atmospheric pressure less the intake air-filter pressure drop. The turbine 
exit pressure is atmospheric plus tlhe muffier pressure drop. By relating the com­
pressor discharge pressure to the iintake manifold pressure and the turbine inlet 
pressure to the exhaust manifold ]pressure (through suitable pressure drops) the 
pressure ratio across each machine is determined. Hence, the compressor and 
turbine maps can be entered using the calculated pressure ratios, and the rotor 
speed (same for both turbomachin1es) as inputs. The output from the map inter­
polation routines determines the mass flow rate and efficiency of each component 
for the next time step. From thesi~ the power required to drive the compressor 
(- We) and to drive the turbine (~VT) are determined from Eqs. (6.42) and (6.48), 
respectively. Any excess power (oir power deficiency) will result in a change of 
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rotor speed according to the turbocharger dynamics equation 

Tf, Th dw ;i 
"c + YYr = Ircw - + Bw 

dt (14.51} 

where Lrc is the rotational inertia of the turbocharger, ro is angular velocity, and 
B is the rotatfonal damping. The values of the other state variables for the next 
time step are determined from the solution of the mass and energy conservation 
equations for each open system, with the compressor and turbine mass flows 
taken from thi~ output of the turbomachinery map interpolation routines. 

This approach can be used to establish the steady-state engine operating 
characteristics. from an assumed initial set of state variables. (Of course, due to 
the pulsating nature of the flows into and out of the cylinders, these state vari­
ables will vary in a periodic fashion throughout the engine cycle at a fixed engine 
load and spe,ed.) This approach can also be used to follow transient engine 
behavior as load or speed is varied from such a steady-state condition.35 The 
additional inputs required are the fuel pump delivery characteristics as a function 
of fuel pump rack position and speed, with the latter evaluated from an appropri­
ate model for dynamic behavior of the governor.55 From the brake torque of the 
engine (determined by subtracting friction torque from the indicated torque), the 
torque requir~:d by the load TL , the inertia of the engine and load IB and 11.. , the 
dynamic response of the engine and load to changing fuel rate or engine speed 
can be obtained from 

(14.52) 

An example of the output from this type of engine model is shown in Fig. 14-25. 
The response ,of a turbocharged DI diesel engine to an increase in load from O to 
95 percent of full load is shown. The predictions come from a model of the type 
shown in Fig. 14-24, and engine details correspond to the ex.perimental configu­
ration.5 5 The simulation follows the data through the engine transient with rea­
sonable accuracy. Note that with the assumed constant governor setting, during 
this transient the equivalence ratio of the trapped mixture rises to close to stoi­
chiometric be,cause the increase in air flow lags the increase in fuel flow. This 
would result in excessive smoke emissions. Such models prove extremely useful 
for exploring the effect of changes in engine system design on transient 
response. 56 

For twoi-staged turbocharged or turbocompounded systems the engine­
turbocharger matching process is more complicated. The division of the pressure 
ratio between the exhaust manifold and atmosphere between the two turbines in 
Fig. 14-24 is not known a priori. Nor, with two compressors, is the intake pres­
sure ratio distribution known. Iterative procedures based on an assumed mass 
flow rate are used to determine the pressure level between the two turbines such 
that mass flow and pressure continuity through the exhaust system is satisfied 
(e.g., Ref. 2). 
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14.4.6 Second Law Analysis of Engine Processes 

The first-law-based methods for evaluating power plant performances do not 
explicitly identify those processes within the engine system that cause unre­
coverable degradation of the thermodynamic state of the working fluid. However, 
second-law--based analysis methods do provide the capability to identify and 
quantify this unrecoverable state degradation. Thus, cause and effect relation­
ships whicb relate these losses to individual engine processes can be determined. 
The first law analysis approaches summarized in this section (14.4) are based on 
the fact that energy is conserved in every device and process. Thus, they take 
account of the conversion of energy from one form to another: e.g., chemical, 
thermal, mc:chanical Although energy is conserved, second law analysis indicates 
that various forms of energy have differing levels of ability to do useful mechani­
cal work. This ability to perform useful mechanical work is defined as availability. 

The aivailability of a system at a given state is defined as the amount of 
useful work that could be obtained from the combination of the system and its 
surrounding atmosphere, as the system goes through reversible processes to 
equilibrate with the atmosphere. It is a property of the system and the 
environment with which the system interacts, and its value depends on both the 
state of the: system and the properties of the atmosphere. Availability is not a 
conseryed property; availability is destroyed by irreversibilities in any process the 
system undergoes. When availability destruction occurs, the potential for the 
system to do useful mechanical work is permanently decreased. Thus to make a 
proper evaluation of the processes occurring within an engine system both energy 
and availability must be considered concurrently. 

The basis for an availability analysis of realistic models of internal com-
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TABLE 14.2 
Available energy equations for various processes 

Mechanism 

Work transfer 
Heat transfer 
Gas transfer 
Liquid fuel transfert 
Control volume storage 

Equation 

dAw = dW 
dAa = dQ(l - T0/T) 
dA9 = dmg((h - h0) - T0(s - s0)] 

dA 1 = dm.,(l.0338QLHv) 
dAcv = d{mcv[(u - 110) - T0(s - s0) + p0(v - v0)] } 

t The availability of the fuel is 1.0338 times its lower heating value; see Sec. 5.7. 

bustion engine processes has already been developed in Sec. 5.7. The change in 
availability of any system undergoing any process where work, heat, and mass 
transfers across the system boundary occur (see Fig. 5.13) can be written: 

(14.53) 

where A 10 and Aout represent the availability transfers into and. out of the system 
across the boundary. Since availability is not a conserved quantity, this equation 
can only be used to solve for the availability destruction term, Adcmoycd. Table 
14.2 summarizes the equations for the availability change of the system and the 
availability transfers associated with work, heat and mass transfer across the 
system boundary, developed in Sec. 5.7. 

This availability balance is applied to the internal combu1stion engine oper­
ating cycle as follows. A first-law-based cycle analysis of the type described above 
in this section (14.4) is used to define the variation in workin1g fluid thermody­
namic state, and the work, heat, and mass transfers that occur in each of the 
processes that make up the total engine cycle. Integration of the availability 
balance over the duration of each process then defines the magnitude of the 
availability destruction that occurs during that process. 

To illustrate this procedure, consider the operating cycle of a 10-liter six­
cylinder turbocharged and aftercooled direct-injection four-stroke cycle 
compression-ignition engine, operating at its rated power andl speed of 224 kW 
and 2100 rev/min. The variations in temperature, energy, and entropy are deter­
mined with a first-law-based analysis. Figure 14-26 shows the T-s diagram for the 
working fluid as it goes through the sequence of processes from air inlet from the 
atmosphere (state 1) to exhaust gas exit to the atmosphere1 (state 10). 57 The 
incoming air is compressed {with some irreversibility) in the turbocompressor to 
state 2 and cooled with an aftercooler to state 3. The air at state 3 is drawn into 
the cylinder and mixed (irreversibly) with residual gases until,. at the end of the 
intake, the cylinder gases are represented by state 4. That mixture is subsequently 
compressed {with modest heat loss) to state 5. Fuel addition c•ommences close to 
state S; subsequent burning increases the combustion chamber pressure and tem­
perature along the line 5-6. At 6 the heat release, heat transfer, and volume 
change rate are such that the maximum cylinder pressure is reached (a few 
degrees after TC). From 6 to 7 combustion continues to completion, the burned 
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gases continue to expand, doing work on the piston and losing heat to the walls. 
At state 7 the exhaust valve opens initiating a rapid pressure equilibration with 
the exhaust manifold to a pressure corresponding to point 8. Gases are expelled 
from the cylinder to the exhaust manifold. After the intake valve opens, cylinder 
residual gases are mixed with incoming air at state 3 to yield gases at state 4 to 
complete the in-cylinder cycle. The exhaust gases that have been expelled from 
the cylinder experience additional thermodynamic losses and can be represented 
by state 9. These gases then pass through the turbocharger turbine to state 10 to 
provide the work to drive the compressor. 

A first law and second law analysis of a naturally aspirated diesel engine are 
compared in Table 14.3. Also shown is a second law analysis of a turbocharged 
version of the nat\lfally aspirated diesel. These results illustrate the value of defin­
ing the losses in availability that occur in each process. 

Consjder the first and second law analysis results for the naturally aspirated 
engine. While 25.1 percent of the fuel energy leaves the combustion chamber in 
the form of heat transfer, the availability transfer corresponds to 21.4 percent of 
the fuel's availability. It is this latter number that indicates the maximum amount 
of the heat transfer that can be converted to work. The table shows that 34.6 
percent of the fuel energy is carried out of the engine in the exhaust gases. 
However, the second law analysis shows that the exhaust contains only 20.4 
percent of the available energy of the fuel. The ratio of these quantities shows 
that only about 60 percent of the exhaust energy can be converted to work using 
ideal thermodynamic devices.t The exhaust gas leaves the system in a higb­
temperature, ambient pressure state and therefore has high entropy (relative to 
the Po, T0 reference state). This, via the gas-transfer equation in Table J 4.2, 
reduces the available energy of the exhaust gas stream. 

t Of course, real thermodynamic devices wiU produce less work than ideal devices. 
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TABLE 14.3 
Comparison of first and second law analysis for six­
cylinder 14-liter naturally aspirated and turbocharged 
diesel engine at 2100 rev/min58 

Naturally aspirated Turbocharged 

First law, Second law, 
% fuel % fuel 

energy availability 

Indicated workt 40.3 39.1 43,9 
Combustion loss 15.9 19.2 
Cylinder heat transfer 25.1 21.4 17.6 
Internal valve throttling 0.7 0.7 
Exhaust valve throttling 2.5 2.3 
Loss in compressor 1.4 
Loss in turbine 0.8 
Exhaust to ambient 34.6 20.4 14.l 
Total 100.0 100.0 100.0 

Brake power, kW 185 185 220 

t Note that the indicated work for lhe second Jaw balance is a lower percentage 
than for the first law. This occurs because the availability of the fuel is l.0317 
times the fuel's heating value. 

The quantity referred to as combustion loss in Table 14.3 is determined 
from an availability balance for the combustion chamber over the duration of the 
combustion period. The ( < availability destroyed '' term in Eq. (14.53) then rep­
resents the deviation of the actual combustion process from a completely 
reversible process. The second law analysis shows that the availability loss associ­
ated with the combustion irreversibilities is 15.9 percent of the fuel's availability. 
This loss depends on the overall equivalence ratio at which the engine is oper­
ating, as indicated in Fig. 5-17. Combustion of leaner air/fuel ratios would give a 
higher fractional availability loss due to mixing of the fuel combustion products 
with increased amounts of excess air and the lower bulk temperature. 

Overall, the most important point emerging from this comparison is that 
the work-producing potential of the heat loss to the combustion chamber walls 
and the exhaust mass flow out of the engine is not as large as the magnitude of 
the energy transferred: some of these energy transfers, even with ideal thermody­
namic work-producing devices, must ultimately be rejected to the environment as 
heat. 

A comparison of the second and third columns in Table 14.3, both obtained 
with a combined first and second law analysis, illustrates how turbocharging 
improves the performance of a naturally aspirated engine. The brake fuel conver­
sion efficiency of the turbocharged engine is considerably improved- from 33.9 
to 39.2 percent. The table indicates that through turbocharging, the availability 
transfers associated with the heat loss and exhaust gas flow are reduced from 41 .8 
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to 31.7 percent (a difference of 10.1 percentage points), while the combustion and 
added turbomachinery availability losses increase from 15.9 to 21.4 percent (a 
difference of 5.5 percentage points). By turbocharging, advantage has been taken 
of the foilowing changes, While the leaner air/fuel ratio operation of the turbo­
charged engine increases the combustion availability losses due to the use of a 
greater portion of the chemical energy of the fuel to mix with and heat excess air, 
the lower burned gas temperature this produces results in reduced heat losses and 
lower cylinder exhaust temperature. In addition, the turbocharger transfers avail­
able energy from the cylinder exhaust to the inlet air. The reduced heat loss and 
lower final exhaust availability level give a substantial performance improve­
ment. 5 8 

To interpret the second law analysis results, one must remember that the 
desired output is brake work and increases in this quantity (for a given fuel flow) 
represent improved performance. All other availability terms represent losses or 
undesirable transfers from the system; decreasing these terms constitutes an 
improvement. These undesirable available energy transfer and destruction terms 
fall into five categories: (1) heat transfer, (2) combustion, (3) fluid flow, (4) exhaust 
to ambient, (5) mechanical friction. The available energy flows identified as heat 
transfer represent the summation of all availability transfers that occur due to 
heat transfers. The most significant of these are the in-cylinder and aftercooler 
beat rejection. The combustion loss represents the amount of available energy 
destroyed due to irreversibilities occurring in releasing the chemical potential of 
the fuel as thennal energy and mixing the combustion products with any excess 
air. The fluid flow losses include the available energy destroyed within the 
working fluid in the compressor, aftercooler, intake valve, exhaust valve, exhaust 
manifold, and turbine due to fluid shear and throttling. The availability 
destroyed due to fluid shear and mechanical rubbing, exterior to the working 
fluid, are contained in the mechanical friction category. The effect of variations in 
engine load and speed on these five categories of losses or transfers will now be 
described. 

Figure 14-27 shows the availability transfers or losses in each of these cate­
gories for a turbocharged six-cylinder IO-liter displacement direct-injection diesel 
engine, expressed as a percentage of the fuel availability, as a function of engine 
load. The percentage of fuel availability associated with the heat transfers varies 

100 Total heat transfer 

Combustion losses 

20 40 60 
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80 100 

FIGURE 1~27 
Distribution of available energy into 
major categories for the engine of Fig. 
14-26 as a function of engine load. 57 
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little over the load range. The combustion loss increases from 21.8 to 32.5 percent 
as load is decreased due to an increasingly lean operation of the engine. Fluid 
friction losses, as a percentage, increase slightly as load increases due to larger 
mass flow rates. Since friction is approximately constant in absolute magnitude, 
its relative importance increases drastically as the brake output goes to zero. 
Exhaust flow available energy decreases from 12.2 to 8 percent as load is 
decreased from 100 to O percent.57 

The effect of varying engine speed (at full load) is shown in Fig. 14-28. The 
availability associated with heat transfers changes over the speed range shown 
from 15.6 to 21 percent: more time during each cycle is available for heat transfer 
at lower speeds. Fluid flow and friction losses decrease with decreasing speed. 
Other availability losses remain essentially constant as a percentage of the fuel's 
availability.5 7 

14.5 FLUID-MECHANIC-BASED 
MULTIDIMENSIONAL MODELS 

14.5.1 Basic Approach and Governing Equations 

The prediction of the details of the flow field within engines, and the heat-transfer 
and combustion processes that depend on those flow fields, by numerical solution 
of the governing conservation equations has become a realizable goal. Such 
methods have been under development for more than a decade, during which 
time they have steadily improved their ability to analyze the flow field in realistic 
engine geometries. While the overall dynamic characteristics of intake and 
exhaust flows can usefully be studied with one-dimensional unsteady fluid 
dynamic computer calculations (see Sec. 14.3.4), flows within the cylinder and in 
intake and exhaust ports are usually inherently unsteady and three dimensional. 
Recent increases in computing power, coupled with encouraging results with two­
dimensional calculations, indicate that useful three-dimensional calculations are 
now feasible. However, they still do not have the capability to predict accurately 
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